DJES Vol 19 No (1) Mar 2026. 1-24

Diyala Journal of Engineering Sciences %HHDJ ES

Diyala Journal
of Engineering Seiences

Journal homepage: https://djes.info/index.php/djes

ISSN: 1999-8716 (Print); 2616-6909 (Online)

Numerical model
drop correlations

of the steady-state condenser and effect of pressure
on refrigerant physical parameters

. * . . . .
Ahmed Haidour!", Boumediene Touati’>, Achour Mansouri’ , Hamou Soualmi?

! Energetic Laboratory in Arid Zones,

2 Energetic Laboratory in Arid Zones,

3 Research Unit for Renewable Energ

ENERGARID, Faculty of Technology, University TAHRI Mohamed, Bechar, Algeria
ENERGARID, Faculty of exact sciences, University TAHRI Mohamed, Bechar, Algeria
ies in Saharan region, URERMS, Renewable Energy Development Center, CDER, 01000 Adrar, Algeria

ARTICLE INFO

Article history:

Received: 29/06/2025.
Revised: 29/11/2025
Accepted: 15/01/2026,
Available online: 15/03/2026

Keywords:

Single-phase region
Two-phase region
Refrigerant/air condenser
Numerical simulation
Pressure drop
Steady-state

ABSTRACT

Air-cooled condensers are an important part of modern refrigeration systems because
they affect how well the system works and how much energy it uses. This study develops
an integrated numerical model to simulate the behaviour of an air-cooled condenser
using Fortran and RefProp 8.0 to evaluate the thermophysical properties of R22 and R32
refrigerants. The model solves five equations at the same time. These include the Navier-
Stokes equations for the main refrigerant's mass, momentum, and energy conservation,
the energy balance equation for the condenser wall, and the enthalpy equation for the
secondary fluid (air). Due to the nonlinear nature of the system, the full implicit
Preismann scheme was applied in conjunction with the Newton-Raphson and bisection
methods to improve numerical stability and accelerate convergence. The results
demonstrate that the developed model precisely forecasts the steady-state performance
of the condenser, offering thorough analyses of the pressure drop and heat transfer
coefficients in both the single-phase and two-phase flow regions. The effective condenser
length was found to be 20 meters for R22 refrigerant and 48 meters for R32, with the two-
phase zone dominating by 96%, indicating that condensation occurs primarily within this
section. Furthermore, the refrigerant behaves as an incompressible fluid in the partially
cooled liquid zone. Comparison with EVAP-COND 4.0 and previous studies revealed a
deviation of less than £1% in the performance parameters. These results demonstrate the
long-term promise of the developed model as an effective tool for designing and
optimizing air-cooled condensers for industrial refrigeration and air conditioning
applications.

1. INTRODUCTION

for energy-efficient refrigeration increases, these

Refrigeration systems are essential in modern society
due to their critical applications in air conditioning,
food preservation, and industrial processes. They play
a key role in maintaining the quality of perishable
goods, optimizing manufacturing procedures, and
ensuring comfort in both residential and commercial
environments [1, 2]. These systems are particularly
vital in healthcare, where they are used for the safe
storage of vaccines and pharmaceuticals [3], and in the
food industry, where they help minimize waste and
enhance safety [4]. Air conditioning, an integral
component of refrigeration technology, is especially
important in regions experiencing rising temperatures
due to climate change [5]. Furthermore, as the demand

systems are closely linked to sustainability goals due
to their significant impact on energy consumption and
carbon emissions [6]. Therefore, improving condenser
performance is crucial for enhancing overall system
efficiency and reducing energy usage.

A typical refrigeration system consists of four main
components: the compressor, condenser, thermal
expansion valve (TEV), and evaporator (as shown in
Figure 1). Among these, the condenser is of particular
importance, as its primary function is to convert the
high-pressure, high-temperature refrigerant vapor into
a subcooled liquid, thereby rejecting heat for the
surrounding environment along the flow path.
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Inside the condenser, the refrigerant passes through

three distinct thermodynamic regions:

- Single-phase gas region (superheated vapor): the
refrigerant enters the condenser as a superheated
gas.

- Two-phase region (liquid—vapor mixture): as the
temperature decreases, the refrigerant gradually
condenses into a mixture of liquid and vapor.

- Single-phase liquid region (subcooled liquid): the
refrigerant exits the condenser as a subcooled
liquid.

Temperature variations of the refrigerant directly
influence its physical and thermodynamic properties,
such as pressure, velocity, volumetric density, and
viscosity. This study investigates and compares
various correlations used to predict pressure drops in
the condenser and examines their effects on these
parameters. The simulations were initially conducted
using R22; however, since this refrigerant is an ozone-
depleting substance, an environmentally friendly
alternative (R32) was also examined.
The main objective of this work is to predict the
steady-state behavior of the condenser under specific
operating conditions. Although the current model does
not account for dynamic behavior or complex real-
world conditions, it provides a valuable numerical
framework for designers and engineers to enhance air-
cooled condenser performance through adjustments to
system inputs and geometric parameters.
The added value of this study lies in its numerical
methodology, developed using Fortran, which is
rarely employed in the literature due to its
implementation complexity. Furthermore, the study
presents a comparative analysis of various pressure-
drop correlations and their influence on the
thermophysical and hydrodynamic behavior of the
refrigerant within the condenser, contributing to
improved understanding and optimization of the
refrigeration system design.

Condenser flow
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Figure 1. Mollier diagram of a cooling system [7].

2. LITERATURE REVIEW

Over the past three decades, numerous studies have
examined the condensation heat transfer and pressure
drop of refrigerants in mini- and micro-channels and
compact heat exchangers to improve condenser
performance and system efficiency.

2.1. Experimental Investigations

Yan and Lin [8] experimentally investigated the
condensation of R134a in a small horizontal circular
pipe that has an inside diameter of 2 mm. They found
that the average heat transfer coefficient for
condensation was approximately 10% higher than that
in a pipe that has an inside diameter larger than 8 mm.
They noticed that the coefficient went up when the
heat fluxes were lower and the mass fluxes were
higher. The pressure drop, on the other hand, went up
when the mass flux was higher but down when the
heat flux was higher. Liu and Li [9] also looked at the
condensation of R32, R152a, and R22 in mini-
channels with hydraulic diameters between 0.95 and
1.3 mm. They found that R32 acted like R22 but had
pressure losses that were up to 15% lower. Among
several empirical correlations tested, the Kim and
Mudawar [10] model provided the best agreement
with experimental data, with 73% of the data points
falling within +£30% deviation. Kim and Mudawar
[11] conducted a meta-analysis that aggregated a
comprehensive database of 7115 experimental data
points from 36 sources. They revealed that most
existing correlations for frictional pressure drops in
mini/microchannels had a mean absolute deviation
exceeding 26%, motivating the development of new
dimensionless-based predictive correlations. Del Col
et al. [12] also looked into propane (R290)
condensation in a 0.96 mm horizontal minichannel.
They found local heat transfer coefficients between
7000 and 9500 W /m?K for mass fluxes of 200 —
800 kg/m®s and pressure gradients of 10 to
25 kPa/m. This indicated that R290 could be a viable
choice for compact, low-charge refrigeration systems.

2.2. Compact Heat Exchangers

Kuo et al. [13] reported that in vertical plate heat
exchangers (PHESs) equipped with 60° chevron plates,
both the heat transfer coefficient for condensation and
the frictional pressure drop increased almost linearly
with vapor quality, and that increasing the imposed
heat flux from 10 to 25kW/m?* enhanced the
condensation performance by 30-40%. In contrast,
Eldeeb et al. [14] reviewed available correlations for
two-phase flow in PHEs. They found that most
existing models exhibited deviations of up to +£50%,
depending on the refrigerant type and plate geometry.
Later, Tao et al. [15] validated and expanded the
experimental database for PHEs and confirmed that
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the Longo et al. correlation provided the most accurate
heat transfer predictions, while 87% of the frictional
pressure drop data were predicted within +50%
deviation, highlighting the persistent limitations of
existing models for complex corrugated geometries.

Marzouk et al. [16] recently studied six helical tube
heat exchanger configurations (HTHE1-HTHEG6)
with Reynolds numbers ranging from 16000 to 25000.
They discovered that the HTHE6 two-pass
configuration enhanced the overall heat transfer
coefficient by approximately 125-185% in
comparison to a uniform tube distribution. As the
Reynolds number went up, the pressure drop got
bigger. HTHE1 had the biggest drop. But HTHEG6 had
the best overall performance because it had the best
exergy efficiency and the highest coefficient of
performance. These results show that moving the
tubes around can greatly improve heat transfer with
only a small increase in the power needed to pump.

2.3. Numerical and CFD-Based Models

Wang et al. [17] developed a distributed dynamic
model capable of predicting key system parameters,
such as the coefficient of performance (COP),
superheating, and subcooling, achieving excellent
agreement with experiments with deviations below
+5%. Building on numerical modeling advancements,
Fayssal and Moukalled [18] introduced a fully implicit
coupled solver that simultaneously solved the
conservation equations of mass, momentum, and
energy, attaining high numerical stability and
successfully reproducing up to 96% of the
experimentally observed condensation behavior.
Complementarily, Zhang et al. [19] performed CFD
simulations of R410A condensation using the Volume
of Fluid (VOF) model, revealing that the local heat
transfer coefficient increased by approximately 40%
when transitioning from the superheated to the
saturated condensation region, primarily due to the
formation and growth of the liquid film along the pipe
wall.

Huang et al. [20] utilized computational fluid
dynamics (CFD) to examine vapor—liquid separation
in liquid-separation condensers featuring multi-pass-
orifice headers. Their findings indicated that
significant fluid impact in the baseline design (Case 0)
resulted in considerable vapor leakage through the
orifices. They conducted an orthogonal study (Case 1—
Case 11) and determined that separation efficiency (1)
is predominantly influenced by orifice diameter,
followed by position and quantity. They identified
three 1.5 mm diameter orifices, positioned at two-
thirds of the header diameter (2D/3), as the optimal
configuration. This arrangement achieved a maximum
1 0of 51.9% in Case 11, which also resulted in a greater
pressure difference and a more uniform flow

distribution. Li and Ju [21] conducted a related CFD
study that integrated the VOF multiphase model with
the Lee phase-change model to examine low-
temperature condensation of various refrigerants
outside a horizontal tube in LNG intermediate fluid
vaporizers, achieving favorable correlation with
experimental results across a broad spectrum of wall
subcooling. Their findings indicated a maximum in
the periodic-averaged heat transfer coefficient relative
to saturation temperature (at 10 °C subcooling, with
corresponding  saturation pressures of 0.35—
0.65 MPa for four refrigerants), underscored the
advantageous effect of surface tension in reducing the
condensate film thickness, and recognized dimethyl
ether (DME) and butane as viable intermediate fluids
for forthcoming IFV designs.

2.4. Recent Developments

Moradkhani et al. [22] compiled an extensive database
of 8037 experimental data points covering 23 working
fluids. They wused artificial intelligence-based
regression models like Multilayer Perceptron (MLP),
Gaussian Process Regression (GPR), and Radial Basis
Function (RBF) to guess how much pressure would
drop due to friction during condensation. Among
these, the GPR model demonstrated the highest
predictive accuracy, achieving an Average Absolute
Relative Error (AARE) of 4.1% and a coefficient of
determination (R?) of 99.23%, thereby outperforming
all conventional empirical correlations. Sun et al. [23]
also looked into the condensation of liquid methane in
mini-pipes that were coming together. They found that
the overall heat transfer performance improved by
94.7% compared to straight pipes, primarily due to
enhanced turbulence intensity and the formation of
thinner condensate films, which points to the
possibility of geometric optimization for heat transfer
enhancement in cryogenic applications.

Marzouk [24] employed Cantera—Python to
investigate a steam Rankine cycle with water/steam at
50 bar and 600 °C, while adjusting the condenser
pressure from 0.78125 to 200 kPa around a
12.5 kPa baseline. Input heat, net work, and
efficiency exhibited logarithmic declines with rising
condenser pressure, while turbine-exit steam quality
demonstrated a power-law increase, illustrating the
trade-off between elevated efficiency at reduced
condenser pressure and enhanced dryness at increased
pressure.

Jiang et al. [25] enhanced a scroll expander for small
organic Rankine cycles through experiments, 3D
transient computational fluid dynamics utilizing real-
gas equations of state, and Box—Behnken response
surface methodology applied to five working fluids.
R245fa had the highest isentropic efficiency of any
pure fluid (49.2%), but the 0.3R123/0.7R245fa
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mixture had the most power (up to 2.43 kW, 17.8%
more than pure fluids), with a minimum prediction
error of 1.28%, which is a favorable guide for
designing compact ORC expanders.

Previous research highlights several gaps, including
the absence of fully integrated numerical models that
simultaneously capture thermal and hydrodynamic
interactions in air-cooled condensers, the limited
applicability of existing correlations to various
refrigerants, and insufficient consideration of
geometric and phase-distribution effects. Moreover,
solving coupled Navier—Stokes and energy equations
rarely utilizes high-performance computing tools like
Fortran. Accordingly, this study develops a
comprehensive Fortran-based model using Refprop
8.0 to simulate the steady-state behavior of air-cooled
condensers with R22 and R32 refrigerants, aiming to
enhance design optimization and promote eco-
efficient performance.

3. GOVERNING EQUATIONS

A comprehensive simulation model was developed to

analyze the performance of the cooling condenser,

grounded in the fundamental principles of heat and
mass transfer among the primary refrigerant,
secondary refrigerant, and the condenser wall, as well
as the thermodynamic relations governing the
system’s behavior. The implementation of this model
presents a significant level of complexity due to the
interaction of multiple coupled physical phenomena,
particularly within the two-phase flow region.

Consequently, the model was formulated under a

series of simplifying assumptions, as detailed below.

- The refrigerant's physical properties only change
in the direction of the flow, which means that it is
one-way.

- Heat exchanges through conduction and radiation
between the studied pipe and adjacent pipes are
considered negligible.

- The flow in the two-phase region is assumed to be
homogeneous, meaning the liquid and gas phases
have equal velocities.

- The humidity is assumed to be zero, indicating
that the surrounding air is completely dry.

- The inner diameter of the condenser pipe is
constant.

- The fin's temperature matches the pipe's outer
wall temperature.

- Therefrigerant is compressible in all three regions
of the condenser.

Based on these assumptions, this model is presented

in Figure 2.

«<— Refrigerant flow direction
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Figure 2. Finned pipe condenser model [26, 27].

These simplifying assumptions reduce the
mathematical complexity of the model and facilitate
its numerical solution, but they also restrict its
reliability to a specific operating envelope. The one-
dimensional, steady formulation neglects
circumferential and entrance-region gradients, non-
uniform air-side heating, and header-induced
maldistribution, which can lead to an overestimation
of heat transfer and the omission of localized pressure
losses. Neglecting inter-tube conduction and thermal
radiation is reasonable for moderate temperature
differences and limited coil packing; however, for
multi-row coils, mutual emission/absorption and
thermal shadowing can alter the field uniformity,
making this assumption non-conservative. The
homogeneous two-phase model (slip = 1) suppresses
phase-separation  phenomena; in annular or
intermittent regimes, substantial liquid—vapor slip
typically biases frictional pressure losses, heat-
transfer coefficients, the predicted two-phase length,
and the axial location of extrema. Assuming dry air
excludes fin-side condensation, additional external
thermal resistances, and latent heat transfer, under
humid conditions, the model therefore overpredicts
thermal performance and ignores wet-coil effects on
both convection and pressure drop. The assumption of
a constant inner diameter, together with the omission
of roughness evolution, fouling, and oil films,
removes realistic dispersion mechanisms that increase
pressure losses and reduce heat transfer over time.
Equating the fin temperature with the outer tube-wall
temperature implies unit fin efficiency, which is
generally optimistic. Finally, treating compressibility
effects as important in the superheated-vapor and two-
phase regions but negligible in the subcooled-liquid
region is valid for low-Mach flows with moderate
pressure differences; near compressor discharge or at
higher Ap, pressure—temperature coupling may
modify the saturation-temperature distribution and the
slope of the thermal curves.

3.1. Single-phase region
This model is governed by five fundamental
equations: the mass conservation equation (equation
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(1)) [17, 27, 28], the momentum conservation
equation (equation (2)) [26, 28, 29], the energy
conservation equation (equation (3)) [10, 30], the
energy equation applied to the pipe wall (equation (4))
[26, 31], and the dry air enthalpy equation (equation

() [26].

3.1.1. Mass conservation equation

In a homogeneous, one-dimensional system,
considering flow through a pipe of constant internal
diameter and in the absence of internal sources of
mass or energy, the continuity equation represents the
conservation of mass within a control volume and its
transport along the flow direction within the pipe.
Under these conditions, it can be expressed as follows
[17,27,28]:

9psp a(Pspu)_
at az =0 (1

3.1.2. Momentum conservation equation

This equation represents the momentum balance
(force equilibrium) for the fluid, where the pressure
force, gravitational force (weight), and frictional force
collectively contribute to the rate of change in
momentum  within the flow. Assuming a
homogeneous and horizontal flow, the equation can be
expressed as [26, 28, 29]:

9(psptt) + 9(pspu®+P)
ot 0z

+Fop=0 2)

3.1.3. Energy conservation equation

This equation shows the energy balance in the
condenser. It shows that when the vapor condenses, its
thermal content decreases, which causes heat to move
to the pipe wall and then to the outside cooling
medium (air). In other words, the wall and the
secondary refrigerant gain the same amount of heat as
the condensing vapor loses, which keeps the system's
energy use low. For a one-dimensional, homogeneous
flow in a pipe of constant inner diameter, the energy
equation can be expressed as [10, 30]:

0 (psphsp) 0 (pspuhsp) | 4asp(Tpw—Tr) _
e T e T d =0 G)

3.1.4. Energy equation applied to the pipe wall

This equation represents the energy balance within the
metallic wall of the condenser pipe, indicating that the
rate of temporal change in the wall’s internal energy
equals the net heat flux entering and leaving the wall.
Assuming that heat transfer from the primary
refrigerant to the ambient air occurs solely by
convection through the condenser wall and that the
outer wall temperature of the pipe is equal to the fin
temperature, the equation can be expressed as [26, 31]:

dTpw
Cp.pwMpw 5 wdAz;ag, (pr — Tr) —

7']AAOAZL'O*'a(TpW - Ta) =0 “4)

3.1.5. Dry air enthalpy equation

This equation states that the heat lost by the condenser
wall is equal to the heat gained by the air flowing
across it, thereby ensuring the thermal energy balance
on the air side of the condenser. Assuming that the air
is completely dry, the equation can be expressed as

[26]:

d(Man,aTa) _ 7IAA"TloAZL'O‘ﬂ_(pr_Ta) _
de AZk

0 O

3.2. Two-phase region

This model of the two-phase region is also governed

by five equations:

- Mass conservation equation (equation (10)) [17,
27, 32].

- Momentum conservation equation (equation (25))
[26, 29, 32].

- Energy conservation equation (equation (29))
[10, 30, 32].

- Energy equation applied to the pipe wall (equation
(30)) [26, 31].

- Formula for dry air enthalpy (equation (5)), which
remains identical in both the two-phase and
single-phase regions [26].

3.2.1. Mass conservation equation

Applying the mass conservation law for both vapor
and liquid phases on a small pipe section yields [17,
27,32]:

(wpg) | dWpgug)
6tg ag - = I ()

Sl =W+ 5o =)l =Ty  (7)

The mass flow per unit volume from liquid to gas is
considered negative [32].

I—ig =g (¥

By adding the two equations (6) and (7), the
following equation is written:

2 [wpg +pi(1— )] +
2 [pgug + pr (1= W)] =0 (9)

By substituting the two equations (54) and (55) into
equation (9), formula (10).is extracted.

Iptp | A(prpW) _

at oz =0 (10)
3.2.2. Momentum conservation equation
The momentum equations for both vapor and liquid
phases are [26, 29, 32]:
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a(lppgug) 3(1Ilpgu§) _ _ o@wpP) F _
at 0z oz filgl
Frgpw T Egr (11)
ala-wppu | A[A-Wpwf] _ _ dla—wPl _
at 0z 0z
Frng — Fripw + Fu (12)
Adding equations (11) and (12):
0[vpgugtA—plouu] | d[¥pguj+U-wipwi] _
ap at 9z -
=5, Frigi + Frng) = (Frgpw + Fripw) +
(Fgr + Fur) (13)

The forces resulting from interfacial friction between
the liquid and vapor phases in a steady state are
evaluated according to the correlations provided in
reference [33]:

Frigt = —Frng =
w)|uy — (14)

The correlation for the friction factor between phases
is expressed as follows [33]:

&1 = 0.005[1 + 75(1 — )]

_ 3Ef11/)0'5pg ( _
d Ug

(15)

In addition, the interfacial momentum transfer Fy; and
Fj; due to mass transfer can be determined using
equations (16) and (17). When gas is condensing, its
velocity changes from u, to u;, and these terms
describe the force associated with this velocity
change. Wallis [34] has shown that for a reversible
flow, the coefficient § is 0.5.

Fyr = =65 (ug —u) (16)

Fy=-(1- 8)ng(ul - ug) (17)

The resultant of the frictional forces between the wall
and the two phases is given by the following
expression [26, 35]:

(18)

The friction between the vapor phase flow and the
inner wall of the pipe is minimal thanks to the
utilization of special techniques in pipe design and the
materials used in its manufacturing. In this state, the
vapor phase flow is annular [26, 35].

Frep = Frgpw + Frrpw

(19)

Equation (18) can be written according to the
formula:

Frgpw =0

Frep = Frppw (20)

In equation (13), the second term on the left side can
be written as

2 _ 2 _ ¥Ppug | (-9)?piuf _
‘lszZ (1_.¢))2G2 _ xZGZ (1_x)2G2 (21)
Ypg 1-P)p Ypg 1-P)p
By using the equations (54) and (55):
G? = pu* = [Ypy + 1 = P)p]pepu®  (22)
To substitute equation (22) into equation (21):
1-y)
ot + P = po e[ 1+ 05001
)2 _YpPg
(1 -x) [1 + zp)m]} (23)
Equation (23) can be written as follows:
Ypgus + (1 —)puf = Bpeyu? (24)

Where

Equation (58) defines B.

By substituting equations (14), (19), (20), (24),
(54) and (55) into equation (13), equation (25) is
written in the form:

d(pepu) , (Bpepu®+P)
at 0z

+Frep=0 (25)

3.2.3. Energy conservation equation

Neglecting the change in kinetic and potential energy,
the energy equation applied to an unsteady two-phase
flow in a small section of the pipe is expressed as
follows [9, 10, 30]:

a d
a[lppghg + (1 - lp)plhl] + 5 [lppgughg + (1 -
Pphy] = 2eCe (26)

The two expressions on the left side of the equation
can be simplified as follows:

oghy + (1= Wpthy = FEbpghy + (1 =
Wouhy = by + 10 (1= W)y =2 (Phg + (1 -

lp)hl) = ptphtp (27)
Ypgughy + (1 —P)puhy = Gphy + G(1 —
W = G(Yhy + (1= P)h) = pyuhy,  (28)

By substituting equations (27) and (28) into equation
(26), formula (29) is written:

O(pephtp) + O(pepuhip) + 4aty (Tpw—Tyr) _
at 0z d

0 (29)

3.2.4. Energy equation applied to the pipe wall
The equation for the energy applied to the pipe wall is
written in the following formula [26, 31]:
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ar,
Tpw
powMpw =5,

nAAoAZiaa (pr -

—ndAz;a, (pr
T,) =0

4. DISCRETIZATION EQUATIONS

In this study, a fully implicit four-point Preismann
(box-type) scheme is employed for the numerical
solution of the governing equations along the
condenser tube. The flow domain is divided into
control volumes, and the governing conservation
equations for mass, momentum, and energy are
integrated over each control volume. These equations
are discretized using a box-type stencil in the axial
direction, with the unknown variable's values at
adjacent spatial positions { and i + 1 (see Figure 3).
For a variable ¢ (z) (e.g., density or friction force),
the spatial derivative and the control-volume average
can be expressed as follows [36]:

_ Tr) _
(30)

Jj+1 j+1
2 =g, Pt (1 gt 9= | 0(az]0.5 —
a,| + Az?) (31)
j+1 Jj+1 j
¢m — az ¢i+1 ¢ + (1 _ az) 1+1+¢
O(AZIO.S —a,| + Az?) (32)

Here, ¢,, is the average value of the variable in the
control volume, and a, is the weighting parameter
used for the spatial discretization. In the present
model, a fully implicit formulation is adopted by
setting a.=1, ensuring strict conservation of mass,
momentum, and energy across the control volumes.
Because the governing equations are solved in steady-
state form, the numerical scheme does not require any
time-marching procedure; therefore, no CFL-type or
At-based stability constraints exist. The fully implicit
Preismann scheme (a, = 1) is unconditionally stable
for one-dimensional convection—diffusion systems
and guarantees strict conservation properties. The
truncation-error expressions in Egs. (31)—(32) confirm
that the spatial discretization achieves second-order
accuracy for sufficiently smooth fields.

4.1. Reason for Selecting the Preismann Scheme
Computationally

The Preismann Scheme was adopted because it
provides a robust and conservative approach for
discretizing the governing equations of the condenser
while preserving the physical balance of energy and
mass within each control volume along the pipe. The
Preismann method differs from traditional numerical
methods like Euler or Crank—Nicolson because it
directly accounts for the physical conservation laws.
The flow domain is divided into small control
volumes, each of which conserves mass, momentum,
and energy.

Refrigerant Air outlet
Supercooled liquid

discharge 1
él I I — T T k=7

Mixture (vapor-liquid)

Superheated steam

i=3 i=2
Air intake

Figure 3. Condenser pipe segmentation into elemental nods
[27].

t=1 Refrigerant
inlet

4.2. Bisection method

When a function crosses through zero, its sign
changes, which is the foundation of the bisection
method's concept. The following program can be used
to express the method [17]:

To find a root of ¢(z) = 0 in the interval of (ay, by)
With which ¢ (ag)¢(by) <0

Pick tolerance &

Zi+1 = (al- + bl)/Z ) i = 0,1,2,3,

If (|¢p(z;4+1) < €|) root found, stop iteration.

Else

If (¢(zi4+1)P(bi) <0) Q41 =Zi41 5 biy1 = by
Else ajp1 = a; ; biv1 = Zisq

End if

End if

4.3. Newton-Raphson method

The Newton-Raphson method uses the point where
the tangent line crosses the zero axis as the next
approximation. By calculating the slope of the
function (the tangent) at the current estimate, the
method iteratively updates the reference point until it
converges to the root [17].

To find a root of ¢p(z) = 0 with the initial guess z.
#(z;)
¢'(z) '
In this study, the governing equations for the three
phases within the condenser were solved entirely
using the Newton-Raphson method, employing
successive approximations and iterative updates to
achieve convergence. The nonlinear system is solved
by applying the damped Newton-Raphson algorithm
with a consistent Jacobian matrix, ensuring
thermodynamic equilibrium at each iteration.

To improve accuracy, the bisection method was used
to calculate the mean temperatures of the refrigerant,
the air, and the condenser pipe wall. This step
improves the precision of the temperature profiles,
which are critical for predicting the system’s
performance under steady-state conditions.

i=0123,..

Ziv1 = Z; —
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Figure 4 presents a general flowchart of the numerical
algorithm used to solve for the variables in a heat
exchanger system, including the refrigerant, air, and
pipe wall sides.

Input the
geometric
properties of’
the heat
exchanger and
air conditions

Initialize variables for
the refrigerant. air,
and pipe wall sides.

e

Use the Refprop V.8
subroutine to calculate the
refrigerant conditions

!

‘ Vapor saturation state

Yes

»
Lt

Y

Solve for the

Eﬂ variables on

7'y the refrigerant, [

air, and pipe
wall sides

Calculate the correction of
variables for the
refrigerant. air. and pipe
wall sides

Pressure
drops and
fins
effectiveness

Update the
variables on
the refrigerant.
air, and pipe

wall sides l
F 3

I'he variables on
the refrigerant, air, y
and pipe wall sides

have converged.

Figure 4. Flowchart of the numerical algorithm.

4.4. Advantages of the Newton—Raphson Method

The strong coupling among the mass, energy, and
phase-change equations necessitates the use of the
Newton-Raphson method with a consistent Jacobian
matrix. This approach enforces thermodynamic
equilibrium constraints at each iteration and achieves
local quadratic convergence, meaning that the error

decreases rapidly with each successive step.
Consequently, the number of linear system solves is
reduced, effectively compensating for the
computational expense associated with Jacobian
assembly.

In contrast, the Picard iteration method relies on
decoupling and relaxation techniques, leading only to
linear convergence. As the degree of nonlinearity
increases, the number of required iterations grows
significantly, reducing overall efficiency. Quasi-
Newton schemes, such as Broyden’s method, mitigate
the overhead of derivative computation but may
compromise robustness. They also exhibit greater
sensitivity to damping parameters and line-search
strategies, particularly in phase-change problems
where stability is critical.

Therefore, the damped Newton-Raphson method is
generally preferred for solving this class of nonlinear
coupled systems, as it provides an optimal balance
between convergence speed, robustness, and
computational efficiency.

Despite these modeling limitations, the credibility of
the present model remains high within the examined
operating range. Numerical reliability was established
through a mesh-sensitivity study, which indicated that
the predicted thermal fields and total pressure drop
remained stable and essentially grid-independent
within the reported accuracy bounds. In addition, strict
convergence criteria were enforced: the normalized
updates of the primary variables p,u, T, T, and Ty,
were required to remain below (1072); and the
nonlinear residuals of the five governing equations—
mass, momentum, refrigerant energy, wall energy,
and air enthalpy—were reduced below (1071°, 1076,
1075,10719,10719), respectively. A fully implicit
steady-state solution procedure was adopted, which
provides robust convergence behavior without
altering the final converged solution.

To assess spatial and temporal discretization errors, a
grid-independence study was carried out using three
uniform axial meshes, denoted N1 (coarse), N2
(medium), and N3 (fine). For each mesh, the total heat
transfer rate Q, the pressure drop AP, and the two-
phase length L were monitored. The relative
differences between the medium and fine grids (N2 <
N3) remained below 1-2% for all quantities,
indicating that the solutions are effectively grid
independent. In addition, a brief Richardson/GCI-
style analysis was performed, and a time-step
sensitivity test (At versus At/2) confirmed that
temporal discretization errors are negligible compared
with the spatial discretization error.

5. STEADY-STATE SYSTEM
A transient system is a time-dependent state in which
the physical and thermodynamic properties vary with
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time at a fixed location. In this case, the conservation
laws include storage terms for mass, momentum, and
energy, together with the thermal capacities of the
wall and fins. Boundary conditions such as refrigerant
flow rate, air temperature and humidity, and fan speed
may vary with time. Start-up, shutdown, and load
steps are typical examples; the steady solution is the
equilibrium approached once the inputs become
constant.

In a steady-state condenser, the refrigerant’s
thermophysical fields are time-invariant at a fixed
location even while heat transfer and phase change
continue. The mass flow rate is conserved along the
circuit without leakage, whereas pressure and
temperature may vary along the axis because of
frictional losses and heat exchange. [37].

5.1. Single-phase region
The system can be written using equations (1) to (5)
as follows:

(psptt) _
“et— g (33)
d(pspu?+P)
ZE ) 4 Frop =0 (34)
O(pspuhsp) | 4asp(Tpw—Ty) _
Y 1 =0 (35)
ATy
Cp.pwMpw —2- — mdAz; g (Tyw — T;) —
nAAoAziaa(pr - Ta) =0 (36)
d(Man,aTa) _ nAAoAziaa(pr_Ta) =0 (37)

de AZk

Based on equations (31) and (32), the system is written
as follows:

(Pspu){:ll —(psp u){+1

= =0 (38)
( uu)j+1—( uu)] 1 j+1
Psp i+1 Psp i (P)i+1_(P)i +
Az; Az;
pi*1 it
f,Sp,L+; f,sp,i =0 (39)
(pspUhsp){:ll_(Pspuhsp){ _ 4 jt+1 T]+1 Tj+1 _
Az; g %spi Upwii i -
0 (40)
j+1 j At [ ]+1( j+1
prz+1 prz+1 CppwMpw TTdAZl spl TpWL
]+1 ]+1 j+1 j+1 _

T/F) + nadobzial(TInt = TJ )| =0 @1
j+1 j+1 j+1 j+1
pal}k+1TaUk+1 CpaljkTaljk
N4adoAzia j+1 ]+1
M—a(Tle -T)) =0 (42)

5.2 Two-phase region

The system can be written using equations (10), (25),
(29), (30), and (5) as follows:

O(prpu) _
T (43)
d(Bpgpu“+P)
+ + Frip =0 (44)
O(pepuhep) | 4ap(Tpw—Tr) _
) ;)Z " =0 45)
CppwMpw % — mdAz; &y (Tpw — Tr) —
Nahobziay(Tyy —T,) =0 (46)

The dry air enthalpy equation (equation (37)) remains
the same in both the single-phase and two-phase
regions.

Based on equations (31) and (32), the system is written
as follows:

(oWl —(opw!™ _
= =0 (47)
j+1 j+1
(Borpuu);, | —(Boepuu), (P){+1 e+ +
Az; Az;
Fit1 j+1
+F,
ftpl+12 ftpl_O (48)
(ptpuhtp){:ll_(Ptpuhtp){+1 _ 4 jt+1 Tj+1 _ Tj+1 _
Az; d atp.l' pw,i r,i -
0 (49)
j+1 j At [ ]+1( j+1
TpWL+1 pr1+1 cppwMpw ndAz atpl Tle
j+1 j+1 j+1 j+1 _
T/E) + nadobzial i (Thet = ) )| = 0 (50)

The dry air enthalpy equation (equation (42)) remains
the same in both the single-phase and two-phase
regions.

6. THE BOUNDARY CONDITIONS
Energy losses between the elements of the

refrigeration system are ignored, and we assume that
all physical parameters of the refrigeration at the
condenser inlet are equal to those at the compressor
outlet and all physical parameters of the refrigeration
at the condenser outlet are equal to those at the thermal
expansion valve inlet (Dirichlet conditions) [17, 31].

Z =0,
p,u,P,h, p,u,P,h,
T,G,)l,,#, = T)GIAIMI (51)
Cp» Mr, . ) Compressor Cp, Mr: - J condenser
output inlet
Z =1L,
p,u,P,h, p,u,P,h,
T, G, A, ‘Ll, = T; G; /’L H' (52)
Cp, Mr; - ) Condenser Cp» Mrr TEV
outlet inlet



Ahmed Haidour et al.

DJES Vol 19 No (1) Mar 2026

For the internal boundaries, heat transfer occurs solely
by convection between the refrigerant and the inner
wall of the condenser tube. Continuity of both mass
and energy is imposed at the interfacial surface
separating the vapor and liquid phases.

Air is forced across the surface of the finned tubes,
cooling the outer wall of the condenser. The air
distribution across the surface is assumed to be
uniform, assuming constant air velocity and incoming
temperature. It is assumed that cooling is achieved by
forced convection alone, without radiation or
conduction in the environment.

The boundary conditions for the air at the inlet are
defined as

(53)

ha = ha,ambient

The model also assumes that the air temperature and
flow rate are constant at the inlet and that the heat
transfer rates are uniform across the wall. The model
assumes mass and energy continuity at the interface
between the vapor and liquid phases. The outlet
pressure of one region equals the inlet pressure of the
other. This assumption leads to an inability of the
model to predict accurately at the transition point, or
its discontinuity, but it does not significantly affect the
overall prediction of the refrigerant behavior inside
the condenser.

Table 1 summarizes the boundary conditions and inlet
parameters for this system.

Table 1: Boundary conditions and inlet parameters.

Parameter Value Unit
Refrigerant type R22 R32
Inlet temperature 30 30 °C
Inlet pressure 1191.9 1920 kPa
Mass flow rate 25 25 kgh™?
Air inlet 35 35 °C
temperature
Air velocity 3 3 ms™?t
Pipes thermal 389 389 Wm iK1
conductivity
Pipes specific 380 380 Jkg 'Kt
heat
Pipes density 8940 8940 kgm™3
Fins thermal 200 200 Wm iK™t
conductivity
Fins specific heat 860 860 J kg 'Kt
Fins density 2700 2700 kg m™3

A refrigerant mass flow rate of 25 kg h™* was adopted
for both R22 and R32, as reported in the table, in order
to ensure a fair comparison between the two
refrigerants under identical operating conditions.
These conditions include an inlet temperature of 30°C
and external air properties of 35°C and 3 m s™*. This
mass flow rate represents an appropriate value that

enables effective internal convective heat transfer
without causing an excessive pressure drop, especially
considering the realistic condenser inlet pressures
(11919 kPa for R22 and 1920 kPa for R32).
Moreover, this flow rate promotes a stable two-phase
regime inside the condenser while maintaining
refrigerant velocities within safe and practical
operational limits.

From a geometrical and material standpoint, the tubes
are assumed to be made of a highly conductive
material (copper), with thermophysical properties of
approximately A= 389 W m 1K™, density
8940 kg - m™3, and specific heat 380 kg~ 1K™
Such properties minimize the thermal resistance
between the refrigerant and the inner tube wall. The
fins are assigned thermo-physical properties
representative of aluminium (A = 200 W m~1K™?,
density 2700kg-m™3, and specific  heat
860 ] kg—1K™"), providing a large external heat
transfer area with low structural weight, which is
consistent with standard fin-and-tube condenser
designs.

Additionally, forced convection is considered as the
only heat transfer mechanism on the air side, with
radiation and external conduction neglected. This
assumption reflects standard testing conditions, which
simplify the numerical model while still preserving a
realistic representation of condenser operation.
Therefore, the selected mass flow rate and the thermo-
physical properties of the tubes and fins establish a
practical and efficient condenser configuration
suitable for numerical simulation and allowing for a
meaningful and reliable comparison between R22 and
R32.

7. RESULTS And DISCUSSION

This model was developed based on the assumptions
mentioned above. Table 2 presents the geometric
characteristics of the heat exchanger shown in Figure
5. The simulation results generated numerical data,
which were then converted into graphs, as illustrated
in the following sections.

Table 2: Heat exchanger's geometric characteristics.

pipe length (m) Nu::)lv)f: of Number of lines
R22(30m), | R22(15),
R32(50m) R32(25)
d(m) D (m) & (m)
0.008 0.01 0.0003
s (m) Az; (m) Azy = Az; (m)
0.0023 0.01 0.05
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Figure 5. Compact heat exchanger schematic [27, 38].

Changing the parameters by +10% can significantly
impact the thermal system's efficiency. In the case of
inlet temperature 30°C, lowering the temperature to
27°C may increase thermal efficiency in some cases
due to the refrigerant's increased ability to absorb heat,
while raising the temperature to 33°C may decrease
efficiency due to increased pressure and thermal
resistance. For mass flow rate 25 kg/h, reducing it to
22.5 kg/h may decrease the system's ability to absorb
heat, weakening efficiency, while increasing it to
27.5 kg/h may require additional energy to push the
refrigerant through the system, thus increasing energy
consumption. Changing the thermal conductivity of
the pipes 389 W /m K affects the pipe's ability to
transfer heat; reducing the conductivity to 350 W/m K
may decrease system efficiency, while increasing it to
428 W /m K could improve heat exchange. For other
parameters, changing the pipe length (30 m for R22
and 50 m for R32) will increase or decrease thermal
resistance; shortening the length improves efficiency,
while increasing it may increase thermal losses.
Changing the number of rows, ranging from 13-17
rows for R22 and 22-28 rows for R32, will increase
or decrease the heat exchange area; more rows
improve efficiency, while reducing them decreases the
heat exchange capability. Changing the roughness
0.0003m affects friction resistance; reducing the
roughness to 0.00027 m improves refrigerant flow
inside the pipes and increases efficiency, while
increasing it to 0.00033m may increase flow
resistance and reduce efficiency. Changing the
distance between pipes 0.0023 m impacts heat
exchange efficiency; reducing the distance improves
exchange, while increasing it may decrease efficiency.
Changing the vertical difference between pipes
0.01m can improve heat distribution when the
difference is reduced, while increasing the difference
may negatively impact heat distribution. Finally,
changing the difference between rows 0.05m can
improve heat distribution when the difference is

reduced, while it may hinder heat
exchange.

Figure 6 illustrates a quasi-linear reduction in the
pressure-enthalpy trend P(h) across the condenser as
specific enthalpy decreases. At h=418.5kJ/kg, P for
R22 decreases from 1.4269MPa to 1.4213MPa at
h=243.1kJ/kg. The average slope of
dP/dh=0.031kPa-kg/kJ (median local = 0.036) and
AP=6.1kPa  over = Ah=-175.4kJ/kg are the
consequences of this. The curve for R32 decreases
from roughly 521.4 to 266.7kJ/kg as h decreases from
2.2416 to 2.2289MPa. This result indicates that dP/dh
is around 0.049kPa-kg/kJ (the median local is about
0.045) and AP is approximately 12.7 kPa over Ah,
which is approximately -254.7 kl/kg. The local
behavior is consistent with the operation of
condensers: as condensation proceeds and the liquid
film thickens, interfacial slip decreases, wall-friction
losses take over, and the P—h relation flattens; near the
outlet, R22 exhibits minor nonlinearity when the
incremental change in h becomes tiny, making
differential ratios larger numerically; near the inlet
(high h), rapid void-fraction evolution and
acceleration effects increase dP/dh. In reality, for the
same amount of heat evacuated in this range, R32 is
more sensitive to variations in pressure than R22.
Comparing the overall pressure drops to the absolute
operating pressures of the condensers, they are still
minimal.

increasing
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Figure 6. Pressure as a function of enthalpy.

For refrigerants R22 and R32, Figure 7 illustrates how
the Reynolds number Re(z) varies throughout the
condenser tube when the mass flow rate and shape
remain constant. Re steadily declines with axial
distance as condensation thickens the liquid layer,
lowers the cross-sectional average velocity at constant
mass flux, and increases the mixture viscosity w(z).
Re=Gd/i(z) is consistent with this situation. Re
decreases from about 8.30x10* at the inlet to
approximately 4.42x10* across 0—5 m, approximately
1.15x10*at z = 10 + 1 m, approximately 7.74x10° at
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z= 20 = 1 m, and approximately 7.51x10% over the
final 10% of the length. From around 1.03x10° at the
inlet to roughly 7.96x10% across 0-5 m, 2.60x10* at
z=10+1m, 1.44x10* at z=20+lm, and roughly
8.92x10%in the last 10%, the trend for R32 is the same
throughout a distance of roughly 50 m. These
trajectories indicate that the inlet conditions are
getting more turbulent and approaching the
transitional regime as the mixture temperature
decreases near saturation and the liquid percentage
increases. Geometrically, Re would increase by the
same amount for larger tube diameter d and higher
mass flux G. According to the existing assumptions,
wall roughness mostly impacts pressure losses and the
friction factor rather than Re itself.

Condenser pipe length [m]
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——R2
80000 Ra 80000
70000 - . 70000
60000 - - 60000
= 50000 E 50000 —
@ @
O 40000 - E 40000 @
30000 4 - 30000
20000 4 - 20000
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Condenser pipe length [m]
Figure 7. Reynolds number as a function of pipe length.

Table 3 shows the correlations used to generate each
of the figures (8-21). The table highlights the changes
in the temperature, pressure, density, and velocity of
the R22 and R32 refrigerants along the condenser
tube.

Table 3: Constants correlations considered for data

graphing.

Correlations Figures. Figures. 13, Figures. 14,
of 8-12 15,17,19 16, 18, 20, 21

Asp Dittus- Dittus- Dittus-

Boelter Boelter Boelter

AP, variables Moody Moody

Atp Shah Shah Traviss

Miiller-
APy, Steinhagen  variables  variables
and Heck

The refrigerant pressure varies along the tube using
the three single-phase heat-transfer correlations, as
shown in Figure 8. Both refrigerants exhibit a steady
decline in the axial pressure distribution along the
condenser, indicating that friction dominates the flow
in the interior channels. The overall pressure drop for

R22 with a 30 m condenser is AP = 6.16 kPa, and the
average gradient is approximately 205 Pa/m. The inlet
and outlet pressures are approximately Pi, = 1427 kPa
and P,y = 1421 kPa. The input and output pressures
for an R32 with a 50 m condenser are 2242 kPa and
2229kPa, respectively. This procedure leads to an
average gradient of roughly 255 Pa m? and
AP~=12.8kPa, which is almost 24% more than R22.
When compared to the Yao correlation, the Bejan-
based pressure profiles have the same numerical
values (AARE = 0%, RMSE = 0 Pa). With RMSE =
2.4x107* Pa and AARE= 4.0x10°% for R22 and
RMSE = 0.088 Pa and AARE= 4.0x10°% for R32, the
Moody's correlation, however, only reveals minor
variations. The absolute pressure level (~10 Pa) and
the overall pressure drops (kPa range) are much larger
than these variances. This finding suggests that the
single-phase heat-transfer correlation in this situation
does not significantly affect the axial pressure
distribution. R32's lower density is mostly responsible
for its greater pressure gradient. Higher flow
velocities will result from the same mass flow rate,
and the frictional term (§pu?/2d) along the tube will
increase due to the viscosity variations. From an
engineering standpoint, the most significant factors
influencing the pressure-length behavior are the
length of the condenser and the characteristics of the
refrigerant. When sizing the compressor and
condenser, the increased pressure loss of R32 must be
considered. The selection of the tested single-phase
correlations does not significantly affect the expected
axial pressure decrease. Hydrodynamic behavior is
not as significant as thermal performance.
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Figure 8. Pressure as a function of pipe length for different

correlations used to calculate the heat transfer coefficient in

the single-phase region.

For two refrigerants (R22 and R32), Figure 9 shows
the evolution of mixture density p(z) during
condensation using three different single-phase heat-
transfer-coefficient frameworks (Refs. [26, 35, 39],
Bejan, and Moody). At z = 0 m, p increases from
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59.99kgm-3 to 88.55 kg m3 at 5 m and 153.95 kg m-3
at 10 m. Thereafter, it enters the saturated-liquid
phase, reaching 1011.08 kg m-3 at 20 m and stabilizing
at about 1150.57 kg m-3 by 30 m. The cross-model
standard deviation, interquartile range (IQR), and
coefficient of variation (CV) are all 0 on the common
grid since the R22 values at each axial station in the
three HTC frameworks are identical. This invariance
suggests that the saturation envelope and vapor-
quality decay, rather than the particular single-phase
HTC formula, control the density trajectory under the
current operating conditions. For R32, the same
monotonic trend is observed—62.33 kg m-3 at the
inlet, 72.60 kg m3 at 5 m, 87.58 kg m=3 at 10 m,
133.69kg/m3 at 20 m, 426.71 kg m3 at 40 m, and
916.59 kg m3 at 50 m—with dispersion across HTCs
that remains negligible: at z =~ 5 m the range is
72.59656-72.59657 kg m3 with ¢ = 7.8x10-° kg m3,
CV = 1.07x107°%, and IQR = 8.3x10° kg m3; at z=
40 m the range is 426.706—426.709 kg m-3 with ¢ =
1.25x10° kg/m3, CV= 2.94x107*%, and IQR =
1.33x10 kg m™3; by z=50 m the spread is effectively
vanishing Through U(z) and the local heat flux q =
UAT, which determine the condensation rate and,
thus, the quality gradient dx/dz, the single-phase HTC
correlations physically only indirectly affect p(z). Slip
decreases, and the mixture density gets closer to the
saturated-liquid value as the condensate film thickens
downstream; in this regime, phase change and film
conduction dominate the total resistance, rendering
p(z) only slightly sensitive to moderate changes in the
selected single-phase HTC.
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Figure 9. Density as a function of pipe length for different
correlations used to calculate the heat transfer coefficient in
the single-phase region.

The selection between Refs. [26, 35, 39], Bejan, and
Moody has no practical impact on the
thermodynamically controlled density evolution
under the current fixed configuration, but geometric or
operational changes that significantly alter shear and

film thickness—smaller diameter, higher mass flux, or
increased wall roughness—would raise U and
accelerate condensation, potentially amplifying inter-
correlation differences.

Figure 10 uses the EVAP COND Reference and three
single-phase correlations to show the refrigerant
temperature variation along the tube. For R22, the
single-phase correlations (Bejan, Yao, and Moody)
estimate a total refrigerant temperature loss of roughly
5.0°C across 0-30 m, while the EVAP-COND
reference model predicts a temperature drop of
roughly 4.0°C. Here are some examples of anchor
points: 40.0°C for both at z=0 m; around 37.014°C
(correlations) versus 36.9°C (reference) at z=5 m;
roughly 36.933°C versus 36.7°C at z=15 m; and
roughly 35.0°C versus 36.0°C at z=30 m. Mean
absolute error (MAE) = 0.292°C, root mean square
error (RMSE) = 0.338°C, bias = -0.267°C (slight
overcooling), maximum absolute error
(MaxAE)=1.000°C, and normalized = RMSE
(nRMSE)~= 0.338 are the agreement metrics of the
correlations over the entire duration with respect to
EVAP COND. Locally, the metrics are
0.156/0.170/40.114/0.114/0.170 over 0-5 m,
0.320/0.329/40.233/0.333/0.329 over 15+ 1 m, and =
0.733/0.800/-0.733/1.000/2.223 over the final 10% of
the length. The three correlations for R32 almost
collapse onto a single curve over the available span
(median dispersion = 0.000°C), with intermediate
values of = 35.899°C at z = 5 m and = 35.764°C at
z=~25 m and a total drop of = 4.843°C from 40.000°C
atz=0mto35.157°C at z= 50 m.

o
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Figure 10. Temperature as a function of pipe length for

different correlations used to calculate the heat transfer

coefficient in the single-phase region.

The models function hydrodynamically by using the
single-phase heat transfer coefficient o, which enters
the energy balance as dT/dz o« aA/(M c,); as a result,
roughness and wall condition regulate near-wall
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convection, while larger mass flux G and smaller tube
diameter d increase a and steepen |dT/dz|. While the
mid-length agreement suggests operation in a regime
dominated by geometry and operating conditions
where differences among Bejan/Refs. [26, 35,
39]/Moody are of second order, the slight overcooling
for R22 near the outlet is consistent with a regime
where the correlations maintain a relatively high a
while the heat capacity flow M ¢, decreases.

Figure 11 shows how the mixing velocity u(z) changes
along the length of a tubular condenser for refrigerants
R22 and R32. It uses the single-phase heat-transfer-
coefficient correlations from Bejan, Refs. [26, 35, 39],
and Moody. For R22, u decreases gradually from
23083mstatz=0mto 1.560 m s™' at z = 5 m,
0.897m.s"tatz=10m, 0.137 m s™! at z= 20 m, and
0.120 m s™* at z = 30 m. This is a net decrease of
roughly 94.79% over the available duration.
2.217m.s7! at the inlet, 1.903 ms™ at5m, 1.578 m s™*
at 10 m, 1.033 ms™!at 20 m, 0.324 m s™! at 40 m, and
0.151 m s at 50 m reveal the same monotonic
behavior for R32. This figure represents an overall
decline of almost 93.20%. At every location on the
shared axial grid, the two correlations show the
identical velocities for both fluids. According to this
conclusion, there is extremely little inter-model
dispersion (6 = 0 m s™, IQR = 0 m s™', CV = 0%).
From continuity, u = G/(pA), the hydrodynamic
mechanism is directly inferred: as condensation
increases, p rises while the void fraction and slip
decrease, pushing u downward into the saturated-
liquid regime.
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Figure 11. Velocity as a function of pipe length for
different correlations used to calculate the heat transfer
coefficient in the single-phase region.

The single-phase heat-transfer correlations only affect
the local heat flow and the temperature differential
between the fluid and the wall. In this instance, p(z)
and u(z) remain constant across correlations because

the influence does not alter the saturation state at the
sampled stations. From a geometric point of view, the
decay would occur later and the entrance velocity
would be higher with a smaller diameter or a bigger
mass flux, G. The choice of h may become more
sensitive if this variation is coupled with increased
frictional losses that alter the saturation trajectory. The
principal determinants of velocity change in the
current configuration are thermodynamic restrictions,
and u(z) is not significantly affected by variations in
the heat-transfer correlations used.

Because wall friction is the primary source of loss in
Figure 12 (single-phase hot-vapor zone, prior to
condensation), the pressure decreases nearly linearly
with axial distance. For R32, the AP values are
394.2kPa with Moody and 772.3 kPa with Bejan/Refs
[26, 35, 39]. The single-phase segment is
approximately 1.8 m long (from ~0.737 to 0.343
MPa). This indicates that a drop that is roughly 95.9%
bigger is predicted by Bejan/Refs [26, 35, 39]. Each
has an average gradient of roughly 429.1 kPa/m and
219.0 kPa/m. R22 has a shorter hot-vapor length of
approximately 0.76 m, but its per-meter loss is steeper:
AP = 381.5 kPa (Moody) compared to 754.1 kPa
(Bejan/ Refs. [26, 35, 39]). Accordingly, the average
dP/dz increases from 501.9 to 992.3 kPa/m, and
Bejan/Refs. [26, 35, 39] is approximately 97.7%
higher. In this region, the mean absolute percent
deviation is roughly 26.0% for R32 and 26.3% for
R22; the difference in AP is roughly 58.5% for R32
and 59.2% for R22. The way each correlation maps
the friction factor (Re,e/d) in turbulent vapor is the
source of these variations in hydrodynamics: For the
same mass flux and diameter, Bejan/Refs. [26, 35, 39]
provides a somewhat bigger &.
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Figure 12. Pressure drops as a function of pipe length for
different correlations used to calculate the heat transfer
coefficient in the single-phase region.
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The Darcy—Weisbach relation causes a higher dP/dz
as a direct result. Due to its shorter superheated length
and property set at the inlet, the R22 gradient is
steeper. Nonetheless, both refrigerants exhibit the
anticipated near-linear decline characteristic of
friction-dominated, single-phase flow.

In Figure 13, we identify the two-phase pressure drop
using four correlations (Miiller-Steinhagen and Heck,
Friedel, Lockhart-Martinelli, and Chisholm) and the
two-phase heat-transfer coefficient using the Shah
model. At the inlet (single-phase superheated portion),
the pressure decreases approximately linearly before
increasing when the flow approaches two-phase. The
overall pressure loss (AP) for the R32 example over
approximately 50 meters is around 8-10 kPa with
MSH, 12-18 kPa with Friedel and L-M, and 24—
30kPa with Chisholm, according to the shown curves.
Consequently, the sequence of AP from smallest to
largest remains unchanged: MSH < Friedel = L-M <
Chisholm. Depending on where you are along the
tube, the mean absolute deviation (MAD) is roughly
25-30% around the average, and the dispersion index
is roughly 80-120%. On a shorter length scale, the
same pattern is true for R22 over a distance of roughly
30 m: AP is roughly 6-8 kPa for MSH, 9—13 kPa for
Friedel/L-M, and 15-18 kPa for Chisholm. The mean
absolute deviation is roughly 20-25%, and the relative
scatter is roughly 60-80%. From an engineering
perspective, the most crucial factor in determining the
power requirements of the compressor and fan is the
selection of the two-phase pressure-drop correlation:
Friedel or L-M is a suitable middle ground; Chisholm
has the most pumping demand, while MSH has the
lowest. Before the curves level off as a thicker liquid
layer forms and x moves downstream, the two-phase
shear resistance rises with vapor quality x (increased
wall and interfacial shear), making dP/dz steeper.
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Figure 13. Pressure as a function of pipe length using
different correlations for two-phase pressure drops, based
on the Shah model for the two-phase heat transfer
coefficient.

Figure 14 retains the four pressure-drop correlations
but substitutes the Traviss model for the Shah model
for the two-phase heat-transfer coefficient. Because h
regulates the rate of enthalpy removal and,
consequently, the axial distribution of vapor quality
x(z), the form of the pressure—length trajectories
changes while the order of AP among the correlations
remains constant. The reduction in z is delayed, and
the frictional gradient lasts longer (a steeper drop that
lasts longer downstream) if Travis anticipates a lower
o in the current flow regime. Conversely, the pressure-
drop curve flattens out sooner, density increases
sooner, and z drops quicker if Traviss forecasts a
greater o. While the absolute size of AP is still largely
controlled by the frictional correlations, the difference
between Shah and Traviss dictates where and when
latent heat is extracted (the condensation rate and the
change in enthalpy). To achieve the intended
hydraulic margin, first set up the two-phase pressure-
drop model for design (MSH for a lower bound,
Chisholm for an upper bound, and Friedel/L-M as
balanced choices). In order to achieve both thermal
performance (completion of condensation over a
shorter length) and hydraulic cost (lower dP/dz and
AP), the thermal duty is then divided along the
condenser using heat-transfer sensitivity (Shah versus
Traviss) by selecting d, €/d, and mass flux G.
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Figure 14. Pressure as a function of pipe length using
different correlations for two-phase pressure drops, based
on the Traviss model for the two-phase heat transfer
coefficient.

Using four canonical two-phase pressure drop
correlations (MSH, Friedel, Lockhart—Martinelli, and
Chisholm) and the Shah model for the two-phase heat
transfer coefficient, Figure 15 demonstrates that
condenser density profiles for R32 show a noticeable
correlation-dependent dispersion, rather than the near
collapse seen for R22. With MSH forecasting 0.500,
the R32 outlet density from the exported datasets
ranges from 0.100 (Chisholm) to 0.595-0.591 (L-

15



Ahmed Haidour et al.

DJES Vol 19 No (1) Mar 2026

M/Friedel); the mean is 0.447. With a mean absolute
deviation (MAD) of about 38.8% and a dispersion
index ((Pmax-Ppmin)/pm) of around 110.9%, this
procedure shows that the exit state is highly sensitive
to the frictional model. For MSH/Friedel, the average
gradients are O(0.00010-0.00010) per length unit
(same for L-M), whereas Chisholm is smaller on
average (0.00001), which is consistent with a longer
vapor-rich stretch prior to p(z) flattening. With
dispersion ~0.0% and MAD =0.0%, the four
correlations for R22 converge to about the same outlet
density (0.300 = 0.300 = 0.300 =~ 0.300). MSH and the
mid-range Friedel/L-M imply lower frictional
penalties and earlier liquid film thickening, hence
higher pou. Hydrodynamically, the higher two-phase
interfacial and wall shear embedded in Chisholm
sustains a larger vapor quality over distance,
depressing the mixture density at the exit.
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Figure 15. Density as a function of pipe length using
different correlations for two-phase pressure drops, based
on the Shah model for the two-phase heat transfer
coefficient.

The ranking (MSH < Friedel = L-M < Chisholm)
remains unchanged when the Traviss model is
substituted for Shah in Figure 16 for the two-phase
heat transfer coefficient while keeping the same four
pressure drop correlations. However, the axial density
evolution is reshaped by the enthalpy removal rate. A
lower h prediction postpones this transition, keeping
the mixture lighter for longer; a higher h forecast
speeds up condensation, increases density quicker,
and causes an earlier flattening of p(2).
Thermodynamically, the trajectory x(z), or the
location and speed at which latent heat is extracted, is
determined by the Shah—Traviss replacement, but the
frictional model still largely controls the amount of
outlet density dispersion. In order to balance thermal
performance (shorter length/higher pow) Wwith
hydrodynamic constraints (acceptable dP/dz and
overall AP) for both R32 and R22, one should first

perform a heat transfer sensitivity (Shah vs. Traviss)
to allocate the thermal duty along the condenser
(choosing d, €/d, and mass flux G). This is done by
first bounding the hydraulic cost by choosing the AP
correlation to meet compressor/fan margins (MSH for
a lower bound, Chisholm for an upper bound, and
Friedel/L-M as balanced choices).
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Figure 16. Density as a function of pipe length using
different correlations for two-phase pressure drops, based
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Figure 17 displays the axial temperature profiles T(z)
for R22 and R32 that we determined using the Shah
boiling heat-transfer correlation. The frictional
pressure loss was calculated using the following four
conventional correlations: Chisholm, Lockhart—
Martinelli, Miiller—Steinhagen and Heck, and Friedel.
At the R22 intake, all four profiles cool from 40.0°C
to approximately 35.00°C at the outflow
(AT=5.00°C). For every unit of z, the best-fit slopes
are -0.088, —0.086, -0.089, and -0.081°C. When
compared to the Evap-Cond reference (R22), the
variations are still negligible: Friedel (MAE 0.606°C,
RMSE 0.961°C), Chisholm (MAE 0.538°C, RMSE
0.891°C, max |AT| 1.800°C, bias -0.515°C),
Lockhart—Martinelli (MAE  0.567°C, RMSE
0.940°C), and MSH (MAE 0.641°C, RMSE 0.978°C).
Predictions are a bit colder near the end of the tube
because the mean bias is slightly negative (around -
0.511°C) and the largest pointwise deviation is
approximately 1.800°C. For R32, the same three-stage
pattern occurs, but AT varies between 4.60 and 5.21°C
across correlations (minimum temperatures between
35.396 and 34.790°C). It is hence more sensitive in the
vicinity of dryout.
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Figure 17. Temperature as a function of pipe length using
different correlations for two-phase pressure drops, based
on the Shah model for the two-phase heat transfer
coefficient.

Figure 18 illustrates the pressure loss variation of the
refrigerant along the condenser tube in the two-phase
region, calculated based on four commonly used
relationships: Friedel, Chisholm, Lockhart and
Martinelli (LM), and Miiller-Steinhagen and Heck
(MSH). It is evident that the pressure losses are not
uniform along the condenser: they increase rapidly at
the beginning of the two-phase region, reach a
maximum, and then gradually decrease toward the
tube outlet. This behavior reflects the gradual
transition of flow regimes as the refrigerant
condenses. Significant quantitative differences are
observed between the models.
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Figure 18. Pressure drops as a function of pipe length using
different correlations for two-phase pressure drops, based
on the Traviss model for the two-phase heat transfer
coefficient.

The MSH relationship predicts the highest values,
with a maximum of approximately 0.55 kPa/m?, while
the Friedel, Chisholm, and LM values reach

approximately 0.65 kPa/m?, 0.75 kPa/m2, and 0.95
kPa/m?, respectively, for R22. These discrepancies
represent an overestimation of 25% to 70% compared
to the other relationships. The maximum location is
approximately 2 meters for the MSH and Friedel
models. And 6 meters for the remaining correlations.
At the end of the condenser, the LM predicts
approximately 0.40 kPa/m?, while pressure drops tend
to be negligible. For the other correlations, R32
exhibits similar behavior, with variations in values
primarily attributed to differences in the dynamic
viscosity and density of each refrigerant.

The axial condenser pressure profile P(z) for
refrigerants R22 and R32, calculated using the Travis
boiling heat-transfer correlation, is shown in Figure
19. Four models (Friedel, Lockhart—Martinelli,
Miiller—Steinhagen & Heck, and Chisholm) are used
to determine the frictional pressure drop. Friedel
forecasts the highest decline for R22 over z=0.77-22
m (AP = 478.65 kPa (AP% = -92.82%, dP/dz =
—32.88kPaper unit z)), followed by MSH
(409.66kPa, -92.03%, -29.18) and Chisholm
(365.23kPa, -91.10%, -29.45); Lockhart-Martinelli
predicts a smaller reduction (334.43kPa, -47.61%,
—25.85). MSH is slightly bigger (360.91 kPa,
—89.91%, -11.94) for R32 across a longer span
(z=1.81-50 m), while Chisholm yields a weaker drop
(252.07 kPa, -38.38%, -5.63). Friedel and Lockhart—
Martinelli cluster near AP = 331.4 kPa (AP = -89%,
dP/dz = -12.4). P(z) always declines monotonically,
with the largest variations appearing in the outlet
portion.

In terms of hydrodynamics, the pressure loss is made
up of a lower accelerational component and a larger
frictional component (the gravitational term is
insignificant for a horizontal condenser). Higher slip
ratios and high vapor quality near the intake increase
interfacial shear; correlations that increase two-phase
friction (Friedel, MSH) hence predict larger AP and
steeper dP/dz. The liquid film thickens, the
accelerational contribution decreases, the void
percentage and vapor quality decrease, and dP/dz
flattens as condensation continues. The relatively low
AP from Chisholm in R32 and Lockhart-Martinelli in
R22 suggests slip or void-fraction assumptions that
lower effective interfacial shear along the length. With
the greatest sensitivity in the terminal region, where
slight variations in two-phase friction significantly
alter psa (z) and the necessary condensation driving
temperature, these trends suggest that, geometrically,
for fixed diameter and roughness, the condenser (tube
count and length) and compressor/pump head should
be sized to treat Friedel/MSH as upper-bound
pressure-loss designs and Chisholm as a lower bound.
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Figures 19 and 20 illustrate the variation in refrigerant
velocity based on the length of the condenser tube,
calculated using four correlations: Friedel, Chisholm,
LM, and MSH. Note that the refrigerant velocity
gradually decreases along the condenser tube. This
decrease is due to the gradual condensation of the
refrigerant gas into a liquid, resulting in a reduction in
flow velocity. The four correlations contain nearly
identical sets, demonstrating the limited impact of
these correlations on the accuracy of predicting
condenser behavior.
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Figure 19. Velocity as a function of pipe length using
different correlations for two-phase pressure drops, based
on the Shah model for the two-phase heat transfer
coefficient.
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Figure 20. Velocity as a function of pipe length using
different correlations for two-phase pressure drops, based
on the Traviss model for the two-phase heat transfer
coefficient.

The same four pressure-drop models are displayed
once more in Figure 21, but this time the Traviss
boiling heat-transfer correlation is used. For both
refrigerants, the axial temperature decline maintains

its three-stage form. With fitted slopes of -0.088, -
0.086, -0.089, and -0.081°C per unit z, AT for R22
remains at roughly 5.00°C. With slopes of -0.013, -
0.013, -0.012, and —0.013°C per unit z, the end-to-
end dips for R32 are 4.604,4.611, 4.843, and 5.210°C.
According to Chisholm, MSH has a somewhat higher
exit temperature, whereas R32 cools the most across
correlations (AT = 5.210°C, Tmin = 34.790°C). The
local saturation temperature is primarily affected by
frictional pressure-drop models toward the tube's end,
where the discrepancies are most apparent.
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Figure 21. Temperature as a function of pipe length using
different correlations for two-phase pressure drops, based
on the Traviss model for the two-phase heat transfer
coefficient.

8. VALIDATION MODEL

The current model (R32 in a copper tube at 37°C) was
validated by comparing it with experimental results
reported in the paper "Condensation heat transfer of
R22,R410A, and R32 inside a multiport mini-channel
tube" [40] (See Figure 22). The experimental data in
the reference study showed similar trends to the
current model regarding the effect of mass flow and
added heat on the heat transfer coefficient. The input
data from the experimental study were inadequate for
attaining enhanced concordance; however, the
overarching trends between the two models remained
consistent. However, the study recommends the use of
micro-port tubes, which demonstrated superior heat
transfer performance compared to copper tubes.
Therefore, the current model can be validated based
on experimental agreement and comparisons of mass
flow and added heat, while acknowledging the need to
improve performance by increasing mass flow or
using more sophisticated designs such as micro-port
tubes. To ensure the validity of the current model,
axial temperature profiles T(z) for R22 were
compared against the Evap-Cond reference over the
span z € [0, 30 m]. Model curves were resampled onto
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the reference grid, and pointwise errors were
computed. The summary metrics obtained—
RMSE = 0.86°C, MAE = 0.86°C, max |e| =
1.78 °C, and Bias = —0.395 °C—showed a small
negative bias, indicating slightly cooler predictions
near the outlet. Measurement accuracy was
incorporated using an uncertainty-aware acceptance
rule, which was satisfied under realistic
instrumentation conditions, with U =~ +1.0°C
(expanded, k = 2). While the Pearson correlation
(r = 0.553) was reported, it was not used as a
rigorous criterion due to the monotonic nature and
limited dynamic range of both profiles. This data
supports the validation of the current model based on
the overall agreement with experimental trends,
although improvements could be made, as suggested
by the experimental findings and the recommendation
for using advanced micro-port tube designs.
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Figure 22. Comparison of Heat Transfer Coefficients
Between the Current Model and Experimental Results from
Reference [40] Under Different Operating Conditions.

9. CONCLUSIONS

This work developed a steady-state numerical model
of a condenser and analyzed the effects of refrigerant
properties and pressure-drop correlations on coupled
thermal-hydraulic behavior. The long-standing
assumption of refrigerant compressibility along the
condenser is not supported: in the third region the
refrigerant behaves effectively incompressibly, which
simplifies the local mass and momentum balances and
limits the propagation of pressure-related effects to
other fields. Seven pressure-drop correlations were
assessed, four of which target the two-phase zone;
employing the more accurate formulations yielded
clear improvements in numerical performance and
closer agreement with the reference solution.
Building on these results, the choice of pressure-drop
correlation primarily affects the axial gradient, total
pressure loss, and pumping requirements, whereas the
principal physical and thermodynamic fields remain

nearly invariant: axial temperature distributions, two-
phase length, and vapor-quality trajectories change
only marginally. Relative to EVAP-COND, the model
achieved very high thermal accuracy for both
refrigerants and for both heat-transfer-coefficient
options, with mean absolute error and root-mean-
square error below 0.4 °C, mean absolute percentage
error below 1%, and coefficients of determination
exceeding 0.998. For pressure drop, sensitivity to the
correlation is higher: Miiller—Steinhagen and Heck
and Friedel show the lowest overall deviation (= 4 —
6%), Chisholm exhibits a positive bias (= 5 — 12%),
and Lockhart-Martinelli a negative bias (= 5 —
10%), with the performance ranking essentially
unchanged along the condenser. Practically, these
findings enable designers to select condenser
geometries that achieve complete condensation with
minimal pressure loss while maintaining thermal
stability; the most effective control levers are
geometric—adjusting inner diameter, the number of
parallel circuits, adopting micro-fin tubes, and
enhancing the air side—whereas the correlation
choice chiefly influences pumping estimates and
allowable pressure-drop margins rather than the
qualitative structure of the thermal fields.

Conducting experimental research under various
conditions, such as partial load operation and minimal
dehumidification in dry-wet cooling mode, can yield
additional insights. Researchers should also develop
models that account for variations in refrigerants used
in commercial systems.

Advancements in numerical modeling technology and
methodology such as lower costs, more sophisticated
software and larger datasets across industries and
research facilities will further improve simulation
accuracy. In future two-scale designs, the core-scale
heat exchanger and its modules (condenser and two-
phase heat exchanger) can be solved simultaneously.
Enhancing the entire numerical model will require
developing more reliable friction correlations and a
fully integrated two-scale model. These advancements
will contribute to the continued optimization of
cooling systems, ultimately leading to more efficient
condensers and improved full-scale refrigeration
systems.

APPENDIX A: SPECIAL PARAMETERS OF
THE GOVERNING EQUATIONS IN THE Two-
PHASE REGION

Mixture density [31, 41]

Prp = Ypg + p(1 =) (54)
For homogeneous flow [32, 41]
u=ug=u = Gpg (55)
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Where [42, 43]

-1
W= [1+(pg —xpg)/ (xp1)] (56)
Mixture total enthalpy [27, 31]
hep = xhg + (1 —x) (57)

The term B is presented in (eq.24) as follows [32, 35]:

2 pz(l—l.b)] N2 Ypg

B=x [1 +HE 4 (1-x) |1+ s w>] (58)
APPENDIX B: PRESSURE DROPS

e For a single-phase region [44, 45]:

2
APy, =220 pp = B Az,

o (59)

Based on Bejan [27], the Darcy friction factor is
calculated:

- Re < 2000
§p =4 ams 2000 < Re <8x 10* (60)
oo Re > 8 x 10*

Based on Hagen-Poiseuille, Blasius, and Hermann
correlations [26, 35, 39], the Darcy friction factor is
calculated:

o4 Re < 2320
Re
£, = ‘;j% 2320 < Re < 8E4 (61)
0.0054 + 2324 Re > 8E4
Re":

Based on Moody [46], the Darcy friction factor is
calculated (see figure 23):

106 1033
£p = 0.0055 [1 + (5= +20000°) ] (62)

For pipe of Carbon steel, commercial, the relative
roughness of pipe e = 0.045mm [46], for more
information, see the reference [46].

|

AV,

Figure 23. Relative roughness of pipe [47].
Dittus-Boelter equation [35, 48]

as, = 0.023d"*Re®8Pro4
Where [32, 37, 49]

(63)

Re = ppyudp™ (64)

And [49]

Pr = pcyA™? (65)

e For a two-phase region:
Miiller-Steinhagen and Heck correlation [35, 44, 50]

AP, = [AP, + 2(APy, — AP, )x|(1 — x)%33 +
APy, x3 = Fpyp Az (66)

Friedel correlation [14, 44, 50]

2
3,24C,C
Aptp = Aplo (We{)TFi’:'M’ + Cl) = Ff,tp AZi (67)
Where
_ 2 (PiAPg 2
C,=x <pgAPl) 1-x) (68)
CZ — x0.78(1 _ x)0.224 (69)
0.91 0.19 0.7
(P o] _H
C3 B (Pg) (Hl) (1 Mz) (70)
Froude number [14, 44, 51]
GZ
r=< an, (71)
Weber number [14, 44, 51]
G%d
We, = 72
&= (72)
Lockhart and Martinelli correlation [15, 44, 51]
AP = F... Ag = C4,AP,  Re;, > 4000 3
tp = Frep 82 = {CSAPg Re,, < 4000 ()
Where
— G 1
Ci,=1+ Yot + X2 (74)
Cs =1+ CeXyr + X2 (75)

20 Re,, > 2000 and Regy, > 2000
12 Re;, < 2000 and Rey, > 2000

C6 =110 Re, > 2000 and Rego < 2000 (76)
5 Re, <2000 and Rey, < 2000

Chisholm correlation [15, 51, 52]

Aptp = Ff,tp AZi = Aplo[l + (C72 - 1) +
ng0.875(1 _ X)0'875 + x1.75] (77)
Where the dimensionless parameter C; is defined by:
2 _ APgo

C3 = 3 (78)

The coefficient Cg, which accounts for the interaction

between the phases, is defined piecewise as a function
of C; and the mass flux G:

20



Ahmed Haidour et al.

DJES Vol 19 No (1) Mar 2026

(55(;—0-5 0<C;<£95 and G = 1900
|24ooc—1 0<C; <95 and 500 < G <1900

4.8 0<C;<95 and G <500
Ce = { 520C;1G7%% 9.5< C, < 28and G < 600 (79)
l 21¢;1 9.5 < C, < 28and G > 600
15000C;2G 05 C, > 28
And [18, 39, 51]
APy 28p10G2(1-x)*
Az pid (80)
APy 28p,goGix?
Az; - pgd (81)
AP, 28F G
T e 82)
APy,  28pgG?
Az; - pgd (83)
Where [39, 44]
— Rey, <1187
lo
SF1 = 0.0791 (34)
W Relo > 1187
—= Reg, < 1187
SFg = 0.0%1 (85)
W Rego > 1187

Hagen—Poiseuille and McAdams correlation [52-54]
16

R_el Rel < 1500
$rlo = (86)
Plo™ 006 by > 1500
Re;° l
% Re, < 1500
Er.g0= 1 008 (87)
F.,go — 0.046
W Reg = 1500
Where
Rey, = Gdu, ™" (88)
Rego = Gdu, ™" (89)
Re, = Gu, ' (1 — x)d (90)
Rey = Gug~'xd (91)
Gd ,
Rey, = ™ 1-x)+x (Pz/Pg)] (92)

The Lockhart—Martinelli parameter X;; is the ratio of
single-phase  frictional pressure-drop baselines
(liquid-only to gas-only) evaluated at the same mass
flux and geometry; for the turbulent—turbulent case
[39, 53]:

If Re; > 1500 and Rey; > 1500, then

Xee = (lll/ug)o-l[(l - x)/x]0.9(pg/pl)o_5 ©3)

else

Xee = (Erio/Er.g0) " (0g/p1) 11 = x)/x] (94)

Traviss correlation [55]

Aty = ARel°Pri(dCo) tp(Xer) 95)
Where
Cio Re; < 50
Cg = C11 50 < Rel < 1125 (96)
Ci2 Re; > 1125
Cio = 0.707ReP°Pr, 97)
Cy1 =5Pr+5In[1+
Pr; (0.09636Rel°% —1)] (98)
Ci2 =5Pr;+5In(1 +5Pr;) +
2.51n(0.00313Re81%) (99)
d(Xe) = 0.15[X71 + 2.85x;°47¢|  (100)
Shah correlation [9, 30]
0.0234;Pr*Re}®
tp = d(i—:é)o.sel [(1 —x)%® +
3.8 0.76(1_ )0.04—
e oy
Where
Preq = Psat/ Perit (102)
Akers et al correlation [51, 54]
Atp = ALC13Re{;Prl°'33d"1 (103)
Where
0.0265,n =0.8 Rey >5X% 10*
13 = _ 4 (104)
5.03,n =033 Re; <5x10

Dobson and Chato correlation [51, 55]
ap = 0.023RePr*2,(1 + 2.22X;,°%%) /d (105)
Chen correlation [15, 21]

atp = 0.023AIC14PTIO'4R610'8/d (106)
Where
1 X71<0.1
Ciy = e = 107
14 {2.35(}(&1 +0.213)°736 x5zl > 0.1 (107)

APPENDIX C: Compact Heat Exchanger
Specific heat at pressure constant of pipe wall [13, 26]

cppw = (CppiveMpipe + Cp,rinMsin)/Mpw ~ (108)
Superficial efficacy [26, 53]
Na=1=Arin(1 = prin)/ Ao (109)
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Ao = NiineNpowmD [(1 - Wﬂ) +

Lfin
44z;Azy _ DNfin
( D2 1) ZLfin] (110)
4Az;iAz Nfin
Afin = TD?NygneNyow (ol — 1) S (1)

The fin efficiency for fins with a cylindrical basis is
[26, 38]:

tgh{o.s(Azj—D)[1.7aa/(/1ﬁns)]0'5}

= 112
Mfin 0.5(4z,-D)[1.7aa/(Afine)] " (112)
Sensible heat transfer coefficient [26]
-0.66
g = ]Gacp,a (:uacp,a//la) (113)

Where [26, 38]

[t oo s aaeis e
J()] (114

JP = Re;%* A, /Ay, (115)

J(s) = 0.84 + 4 x 10~ 5Rel25 (116)

Re; = GuAz, /1, (117)

Re; = GoD/uq (118)

Reg = Ggs/tq (119)

Gq = Palq (120)

Mg = paUigAmin (121)

Amin = Njine(4z; — D)(1 — & Npin /Lpin ) (122)

App = NroleineT[D(1 — € Nfin/Lfin) (123)
NOMENCLATURE
A Surface area per unit length of the pipe
(m?/m)
a, Preismann weighting parameter
p Specific heat (J kg~ K1)
D External diameter of pipes (m)
d Internal diameter of pipes (m)
e Relative roughness of pipe (m)
F Force per unit volume (N m~3)
G Mass velocity (kg m™2s~1)
h Enthalpy total (J kg™1)
i,j,k Coordinate
L Length (m)
M Mass (kg)
M Mass flow rate (kg s~ 1)
N Fin number or line number
P Pressure (Pa)
q Local heat flux (W m~2)
Pr Prandtl number
Re Reynolds number
s Fin spacing (m)

T Absolute temperature (K)

t Time (s)

U Overall heat transfer coefficient
WK 1tm™?)

u Velocity (m)

x Vapor quality

Xt Lockhart- Martinelli parameter
z Coordinate (m)

Greek symbols

a Heat transfer coefficient (W K~1m™2)
A Difference

AP Pressure drops (Pa/m)

n Fin efficiency

A Heat conductivity (W K~tm™1)
U Dynamic viscosity (Pa s)

& Friction factor

£ Fin thickness (m)

p Density (kg m™3)

P Void fraction

r Mass flow per unit volume (kg s~1 m™3)
Subscripts

a Air

Crit  Critical

D Darcy

F Fanning

f Friction

fI Interfacial fractional factor
fin  Fins

H Heat exchanger height

Igl Interface between vapor phase and liquid
phase

Ilg Interface between liquid phase and vapor
phase

g Gas in mixture

gl The vapor phase at the interface
gl From vapor to liquid

go Gas only

l Liquid in mixture

l The liquid phase at the interface
line  Line of pipes

lg From liquid to vapor

lo Liquid only

m Average value

min  Minimal surface area

0 Total surface area

pipe  Pipes

pw Pipe wall

T Refrigerant

red  Reduced

row  Row of pipes

sat Saturation or saturation point

sp Single-phase

tp Two-phase
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to Pipe surface area without fins
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